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Abstract

Catcher bearings (CBs) or auxiliary bearings provide mechanical backup protection in the events of
magnetic bearing failure. This paper presents numerical analysis for a rotor drop on CBs and following
thermal growths due to their mechanical rub using detailed CB and damper models. The detailed CB model
is determined based on its material, geometry, speed and preload using the nonlinear Hertzian
load—deflection formula, and the thermal growths of bearing components during the rotor drop are
estimated using a 1D thermal model. A finite-element squeeze film damper provides the pressure profile of
an annular oil film and the resulting viscous damping force. Numerical simulations of an energy storage
flywheel with magnetic suspensions failed reveal that an optimal CB design using the detailed simulation
models stabilizes the rotor drop dynamics and lowers the thermal growths while preventing the high-speed
backward whirl. Furthermore, CB design guides based on the simulation results are presented.
© 2005 Elsevier Ltd. All rights reserved.

1. Introduction

Active magnetic bearings (AMBs) have many advantages over conventional mechanical
bearings. In addition to supporting the high-speed rotor without any mechanical friction and
lubrication, they enable rotor position and induced vibration to be monitored and controlled by
adjusting support stiffness and damping. However, the CBs of rolling-element type are necessary
for backup protection since an AMB system employs a feedback loop.
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Kirk et al. [1-4] published several papers regarding rotor drop simulation and CB design in
both numerical and experimental ways. They [1,2] studied the influence of support damping on
the displacement of the disk and on the rotor/CB contact force using a linear stiffness and damper
and showed an optimum damping. Rotor drop tests were conducted for balanced and unbalanced
rotors in Ref. [3,4] and it was concluded that a major influence on the transient response is the
balance level of the rotor. Swanson et al. [5] provided the test results for 38 rotor drops with
varying rotor speed, unbalance amplitude and location for the 5 CB configurations. Chen et al. [6]
designed the zero clearance auxiliary bearing and presented its performance over conventional
CBs. Xie and Flowers [7] numerically investigated the steady-state behavior of a rotor on CB and
studied the effects of various parametric configurations: rotor imbalance, support stiffness and
damping. Wang and Noah [8] analyzed the steady-state response of a rigid rotor in a positive-
clearance bush using the fixed-point algorithm and predicted a chaotic whirling of the rotor
depending on excitation frequency.

Cole et al. [9] developed a deep groove CB model with the elastic deformation of the inner race,
which was modeled as a series of flexible beams and studied parametric effects of impact force,
bearing width and inner race speed on ball load distributions. However, they did not conduct a
rotor drop simulation. Sun et al. [10] introduced an accurate CB stiffness depending on preload
and speed but used a linear damper model without considering thermal growth.

For CB applications, most previous researchers have utilized simple CB models using a linear
stiffness and damping, and have done little work regarding CB thermal growths. Shin [11]
showed, for a non-CB application, that the axial and radial stiffness of a ball bearing decreases
substantially as the operating speed increases. Jorgensen and Shin [12] developed a quasi-static
bearing model including thermal expansions for a high-speed spindle system.

Detailed bearing and damper models play a significant role in predicting the rotor behavior on
CBs accurately, and an estimate of thermal growths during the touchdown is a key CB design
factor. In this paper is utilized a detailed ball bearing model [10], which is obtained from load
equilibrium equations including the Hertzian contact load between each ball and race, and a
finite-element squeeze film damper (FE SFD) determines the pressure distribution of an annular
oil film and the resulting viscous damping forces. A 1D CB thermal model composed of heat
transfer network and heat sources provides an estimate of thermal growths of the bearing
components. The detailed bearing and damper models including the CB thermal growths are
validated by analytical and experimental data from the references. CB design objectives are set
and then rotor drop simulations are conducted with major CB design parameters: friction
coefficient at the rotor/inner race contact, axial preload, oil viscosity of SFD and one-axis side
load from MBs. The numerical results are compared using 14 performance indices to identify
improved CB design features.

2. Simulation models
2.1. Rotor drop simulation model

An energy storage flywheel with magnetic suspensions is shown in Fig. 1. The flywheel is
attached to the rotor via a self-expandable and flexible hub ensuring low stress at extremely high
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Fig. 1. Energy storage flywheel with magnetic suspensions.

speed. The hub and auxiliary supports (o-ring stiffness) are flexible elements compared to rigidity
of the rotor. Fig. 1 does not capture proportions based on the actual dimensions of the flywheel
and the rotor, but the actual ratio of rotor length to flywheel diameter is smaller than it appears in
Fig. 1. Hence, the rigid rotor model is used here. The rigid flywheel, rotor and motor are modeled
with 16 degrees of freedom (dof) including the cross-coupled hub stiffness and damping, and the
gyroscopic moments. The equations of motion for the energy storage flywheel system are available
in Appendix A. The rotor has three translational and rotational motions, while the flywheel and
the motor have three translational and two rotational motions, each. The flywheel and the motor
have unbalance masses with 90° phase difference from each other, and the rotor is assumed to be
well balanced. The top CB is modeled as a 5 dof system as shown in Fig. 2. Each race has two
translational dof in the radial direction, and in addition, the inner race has one rotational motion
in the axial direction. The SFD in parallel to o-rings provides the viscous damping force to the
CB, which has little inherent damping. The bottom CB is modeled as a 7 dof system including the
axial transverse motions of the races. The CBs are modeled as back-to-back duplex pairs at each
end. Duplex bearings are matched pairs of bearings with a built-in means of preloading to greatly
increase radial and axial rigidity. They also have advantages such as easy assembly and minimum
runout.

The frame of reference (O, X, Y) is fixed to the machinery frame as shown in Fig. 2. The
geometric centers of the rotor and bearing inner race are O, and O,, respectively. (x, y) is the
location of O, in the reference frame, while (x;, y;) is the location of O,. Normal (F,) and
tangential (F,, friction) contact forces are determined using the stiffness K. representing the
Hertzian contact force [13]. The bearing stiffness K, as a function of inner race speed and axial
preload is calculated using the iterative Newton—Raphson method [10]. The terms K, and C;
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Fig. 2. Auxiliary support system including squeeze film damper.

represent the o-ring stiffness and FE SFD viscous damping force, respectively. The axial model of
the integrated flywheel rotor and bottom CB is explained in Appendix A. The bottom CB is
accelerated by the axial and radial contacts with the rotor, while the top CB only by the radial
contact.

From Fig. 2, the angle at contact between rotor and CB is

o; = tan™"' (M) i=12, (D
Xj — Xpj
where subscripts 1, 2 represent the top and bottom CBs, respectively.
When the rotor has a contact with the CB, a modified Hertzian [13] contact normal force F,, is
applied as
Kesi(1.5as; 4+ 1) if 5,20,
=30 if 5; <0, )

wherej=1,2; 5 = \/ (xj — xb_,-)2 + (0 — ybj)2 — ¢ and the contact stiffness K. depends on material

property and contact geometry. The constant ¢ is the CB radial clearance, « has a value between
0.08 and 0.2 for steel, and n is dependent on the type of contact: here n = 10/9. The friction
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force is then
Fl‘j - Manja j = 1’27 (3)

as long as slipping exists at the contact point, where y, is a dynamic friction coefficient.
When relative tangential velocity at the contact becomes zero, a rolling condition is applied and
a detailed derivation of the rolling conditions is available in Ref. [10].

2.2. Detailed auxiliary bearing and damper models

Accurate prediction of the bearing stiffness is crucial in the rotor drop simulation because the
bearing stiffness is significantly influenced by dimension, material, inner race speed and preload
amount. The full procedure to obtain an accurate bearing stiffness and model verification is
available in the author’s previous works [10,14], and it can be summarized as follows.

Assuming the outer race is fixed, the load equilibrium equations of the inner race are

(F)+ > T{Q}; = {0}, )
J=1

where the external force vector {F} is applied to the inner race with the displacement vector {X},
the vector {Q}; represents the Hertzian contact load applied to the jth ball, and 7 is the number of
balls. The matrix 7} transforms the reference frame to the jth ball coordinate, i.e., {u}; = T;{X}.
The jth ball load equilibrium equations including centrifugal force F, are derived:

F, Q;cosa; — Q,coso, + F, 0 5

F. [ Q;sino; — Q,sin o, BRI ®)

where Q; . are the Hertzian contact loads, «;, are contact angles, and subscripts 7, e represent the
inner and the outer races.

Since Egs. (4) and (5) are highly nonlinear, the unknown inner race displacement vector {X} is

solved for the linearized Eqgs. (4) and (5) using the iterative Newton—Raphson method. After the
convergence of solution, the bearing stiffness matrix is determined as

~.., [0}
Ke==2 T [a{u}TL T ©

=

The bearing stiffness is a diagonal element of the stiffness matrix Ky.
Assuming an incompressible Newtonian fluid, the Reynold’s equation governs the character-
istics of oil film between two cylinders neglecting sliding effects:

ol 0
V. (@ VP) = &(Ph), (7

where p is the fluid density, /4 is the film thickness, i is the viscosity, and P is the fluid pressure.
The functional [15] corresponding to Eq. (7) is

" 0
J(P) = /A {54—” VP.VP+ a(ph)P} dA. (8)
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Use interpolation functions and differentiate Eq. (8) with respect to the pressure P to minimize
the functional J(P). The FE model for oil film pressure vector {P} is then derived as

LK) (P} = (S} + (L)}, ©)

The interpolation functions for a simple triangular element are used here.

Fig. 3 shows the geometry of a SFD with (x, y) as the coordinates of the SFD journal center O;
in the fixed reference frame (X, Y). The minimum film thickness is located at the point A, while
the maximum film thickness at the point B. The angle 0 is oriented from the X-axis, and the angle
0’ from the maximum film thickness. Since the point B is not fixed in space, the frame (X, 7)
follows the maximum film thickness. The film thickness /2 and squeeze velocity / are

h=cy —xcos — ysin0, h = —%cos0 — ysin0, (10)

where ¢, is the nominal clearance of SFD.

Fig. 4 shows the FE mesh and boundary conditions on the SFD journal. The FE mesh reference
frame (X, Y) has its origin B. Since the fluid flow is assumed to be symmetric about the mid-plane,
only one-half of the axial length L;/2 is utilized in the FE model. The mass flow rate across the
mid-plane is set to zero, i.e., §, = 0 along the boundary ¥ = L;/2, and the supply pressure P, is
specified along ¥ = 0. Since the film cavitation can occur as the journal eccentricity and whirling
frequency increase, a back-substitution algorithm is applied to replace negative pressures with
zeros for the cavitated regions (P <0). Once the nodal pressures for an element are determined, the
viscous damping forces in the radial and tangential directions are calculated from

X,(i’)
Fr 2l COS<R/_>
J—— P(e) + P(e) + P(e) . e
PR R RN e

R;

A9, (11)

(@

where the parameter ne is the number of elements, and A is the area of the eth element.
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Fig. 3. Squeeze film damper geometry.
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The power loss [14] due to viscous dissipation in the annular oil film is estimated as

<6P>2 <ap> 2
— + =
X/ \o¥/

An initial oil viscosity u; is updated according to the oil temperature increase AT, i.e., u =
e PAT | where the viscosity coefficient f is always positive.

The analytical results from the FE SFD are compared with the test data from Ref. [16] collected
for the offset circular whirl with respect to the reference frame center O. The comparisons of the
viscous damping forces are made in Fig. 5 for the three meshes from the journal position 0° to
330° with 30° increment. Although the tangential force shows a noticeable difference above the
journal position 150°, the FE SFD results follow the experimental data with consistent trends,
especially for the radial force.

1 ne

HV:@Z%‘

e=1

- A, (12)

2.3. Bearing thermal model

A ball bearing has a variety of heat sources, and here two major sources are considered during
the rotor drop: rotor/CB mechanical rub and drag torque. The empirical formula for the drag
torque due to external loads was derived by Palmgren [17] as

T, :leexdma (13)

where £ is a factor depending on bearing design and bearing load, and the force F., depends on
the magnitude and direction of the external loads. The drag torque [17] due to lubricant and
operating speed is obtained from

{ 1077f ,(von)*3d3, for v,n>2000,

14
160-1077f, &> for v,n<2000, (14
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Fig. 5. Comparison of (a) tangential and (b) radial damper forces: o, test data [16]; solid, 128 x 40 FE SFD; dash-dot,
64 x 20 FE SFD; dash, 32 x 10 FE SFD.

where the parameter v, is the kinematic viscosity of lubricant given in ¢ST, # is the inner race
speed in rev/min, and f, is a factor depending on the bearing type and lubrication method. For the
grease-packed ball bearings, the factor £, ranges from 1.5 to 5. The total bearing drag torque is the
sum of Egs. (13) and (14), and the power loss H;,. is calculated by multiplying the total drag
torque by the bearing operating speed in rad/s.

The power loss generated by the rotor/CB mechanical rub is derived from Fig. 2.

H, = ﬁt : I_}re] = Fr(RrGr - Rbéb) + Ft[(xb - )'c)sinoc + (y - yb)COS o], (15)

where I7rel is the tangential relative velocity between the inner race and the rotor at the contact,
and R,, R, denote the rotor radius and the inner race bore radius, respectively.
The total power loss of the rotor drop model is

2
Hyo = Y (H], + H)), (16)
j=1

where superscripts 1, 2 indicate the top and the bottom CBs. The heat energy loss is then obtained
by time integrating the power loss.

A CB thermal model is developed based on Jorgensen’s work [12], which proposed a steady-
state 1D bearing heat transfer model with an assumption that the heat flux passing a circle
centered at the origin of bearing reference frame was uniform. The heat flux between two thermal
nodes is described as their temperature difference divided by the thermal resistance, which is a
function of geometry and thermal conductivity. The following assumptions are utilized in
modeling: (a) the CB is composed of lumped heat mass elements, (b) the power loss due to the
rotor/CB mechanical rub is applied equally to the rotor and the inner race, and (c) the conduction
heat transfer passes through the SFD. The temperature nodes in the cross-sectioned ball bearing
combined with SFD are shown in Fig. 6. The length L; refers to the distance from the axial center
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of the inner race to one end of the rotor, and the lengths L;, L, denote the axial lengths of the SFD
journal and the housing, respectively. The widths w;, w, of the inner and outer races are assumed
to be the same. Fig. 7 is the heat transfer network for Fig. 6, which consists of the thermal
resistances, heat sources, and heat masses. As long as the rotor has contacts with the CB, the
temperature nodes 7; and T are connected. Otherwise, their connection is lost, and the power loss
H, is equal to zero. The thermal resistances are listed in Table 1. A free convection coefficient /
[17] is approximated as a function of the temperature difference, & = 23(T — Ts)"* [W/m?°C],
and is used at the housing and rotor axial surfaces.
The first-order thermal equation for each temperature node is derived as

mC,dT/dt = Q;, — Q,, (17)

where the parameter m is a lumped heat mass, C, is the specific heat, and Q;, are the heat flux in
and out.

With a linear temperature distribution in the radial direction, the thermal expansion ¢, [18] of
the outer race jointed with the SFD journal is

_ Ee (L +ve)re

e 3 ro + K/ [ATLe(zre + rj) + ATj(zrj + Ve)]a (18)

where &, [m/m °C] is the thermal expansion coefficient of the outer race, v, is the Poisson’s ratio,
and AT indicates the thermal growth from an initial temperature. Similarly, the thermal expansion
for the inner race is described as

51’ (1 +Vi)rs
o=t Y7

i [AT;2ry + 1)) + AT 1,(2ri +1y)]. (19)
RIS
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Fig. 7. Heat transfer network of catcher bearing.

The thermal expansion of a ball is
ep = CprpATy, (20)

where r,, is the ball radius.
The thermally induced contact load due to the relative thermal expansion ¢ is predicted by

F,= ke, 21)
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Table 1
Thermal resistances of heat transfer network
Ball/lubricant Inner race/shaft Outer race/journal
~ T In(r;/ry) In(r,/re)
Ryj~————— R = ) R, = o/’e
kiQ@mriw; — mnry) " 2mkwy ¢ 2nk.w,
~ " 1 In(r;/r,)
Rpe~ —— - R. — M/
kiQnr.w, — nnr,%) T whew; R; 2tk e
1 Ly 1
b kymry M kg hgmr?
SFD Housing
. . . erRm
Ry = In((r; + ¢ /2)/17) Ry — In(r/rs) 1 R, = ik
A 27'CkaL/ 27Tk/1Lh /’l],ZTCV/,Lh Ry + Rpa
In(rpi /(rj + ¢y /2)) Ly 1
Ryp=——"ro 17 Ry, =
o2 2nky L ha 2nky(rk — r2) + Thy(rk — r2)

where & = &, + 0.5(¢; — ¢.)cosa, o is the bearing contact angle, and k is the Hertzian contact
stiffness. Stein and Tu [19] modified Palmgren’s formula, Eq. (13), including the effect of the
thermally induced load

Tl :fl(Eex + Ft)dm- (22)

The 1D bearing thermal model is validated using the test data from Ref. [20], thermal growths
on outer races of two types of ball bearings: steel and ceramic balls. The ball bearings in the
spindle 1 were arranged as a back-to-back duplex pair with 40° contact angle and grease-packed
lubrication, and those in the spindle 2 as a quadriplex set with 17° contact angle and oil-air
lubrication. Axial preloads were set at 1500 and at 75 N. The steady-state temperatures were
measured using thermocouples attached to the outside surfaces of the outer races. Fig. 8 shows the
comparison of the numerical and experimental results for the thermal growths of the steel and
ceramic ball bearings versus the operating speed. It is noticeable in the spindle 1 that there is no
significant difference between the steel and ceramic bearings below 3000 rev/min and that the
temperature of the steel bearing increases drastically from 3000 rev/min. In the spindle 2, there is
no considerable difference below 10,000 rev/min and then, the steel bearings show a large
temperature rise above 10,000 rev/min. The numerical prediction from the bearing thermal model
shows consistent trends with the test data.

3. Simulation results and discussion

A variety of rotor drop simulations were conducted to illustrate implementation of the
model capabilities. The dimension and material characteristics of the CB and SFD are listed in
Table 2, while the specifications for the rotor, flywheel and motor in Table 3. When a simulation
starts, the flywheel rotor spinning at 40 000 rev/min is axially dropped onto the bottom CB by
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Table 2
Specifications of CB and SFD

Dimension and property Specification

Geometric specification

Bore diameter 1.7 (cm)
Outside diameter 3.5 (cm)
Width 1.0 (cm)
Number of balls 16

Initial contact angle 15°

Axial preload, F, 88.96 (N)
Number of rows 2, DB duplex pair
Material specification

Density of ball: ceramic 3.2 (g/em?)
Density of races: steel 7.8 (g/em?)
Elastic modulus of ball 315 (GPa)
Poisson’s ratio of ball 0.26
Elastic modulus of races 208 (GPa)
Poisson’s ratio of races 0.3

SFD specification

O-ring stiffness, K 3.5E+6 (N/m)
Axial length of journal 2.5 (cm)
Radius of journal S (cm)

Radial clearance 0.127 (mm)
Supply oil pressure 0.2 (MPa)

Viscosity of oil See Table 4
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Table 3

Specifications of energy storage flywheel system

Dimension Specifications
Rotor

Mass 2.39kg
Transverse MOI 0.0087 kg m?
Polar MOI 0.0011 kg m?
Radial clearance of CBs 0.254 mm
Radial clearance of MBs 0.508 mm
Axial clearance 0.381 mm
Side loads from MBs, Fy; 444 82 N
Friction coeff., p 4 See Table 4
Flywheel

Mass 26.71kg
Polar MOI 0.7237 kg m?
Transverse MOI 0.4460 kg m>
Unbalance eccentricity 0.00254 mm
Motor

Mass 2.65kg
Polar MOI 0.0060 kg m?
Transverse MOI 0.0033 kgm?
Unbalance eccentricity 0.00254 mm
Total

Polar MOI 0.7308 kg m?
Initial spinning speed 40,000 rev/min

gravity and simultaneously moves toward the CBs with an initial velocity from the reference
frame center.

The non-dimensional CB stiffness depending on the speed and axial preload is presented in Fig.
9, which is based on the radial stiffness 2.0885E + 5 N/mm for zero speed and 89 N preload. At the
zero speed, the radial stiffness for the preload 356 N increases 50% from that for 89 N, while the
axial stiffness for 356 N increases 20% from that for 89 N. The radial stiffness at 40,000 rev/min
decreases 20% from that at 0 rev/min for the preload 89 N, while the axial stiffness decreases only
less than 5%.

Numerical solutions are obtained using the fourth-order Runge—Kutta integration algorithm
with a variable time step. The total integration time is 0.5s and the display time step is 4 x 10™°s.
To treat contact status, calculate the relative distance, s between the rotor and inner race
geometric centers. If s is greater than the nominal CB clearance 0.254 mm, the normal and
tangential contact forces are calculated and applied to the rotor and the inner race. If s is less than
the clearance, the contact forces become zero. Rolling occurs theoretically when the relative
tangential velocity at the contact is exactly zero, but this may not happen numerically. Thus, a
very small boundary (1E—8) is added around the zero relative velocity, and if the velocity is within
this boundary, the rolling condition is applied to determine the tangential contact force and if the
velocity exceeds this boundary, the slipping condition is reapplied.
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To increase computation efficiency, the matrix [K] in the FE SFD model, Eq. (9), is updated
only when the distance between the damper journal centers at the present time step and at the last
update time is greater than 5% of the SFD radial clearance. It is observed from the simulations
that the SFD does not function as a damper at a high eccentricity ratio because of the high
nonlinearity and large cavitated area on the journal. Furthermore, the high eccentricity ratio over
0.9 is usually observed when a high-speed backward whirl is engaged. Hence, if the eccentricity
ratio is greater than 0.9, the SFD is turned off, and a contact force is generated when the ratio is
beyond 1. The FE SFD model employs a mesh of 10 equal divisions axially and 32 equal divisions
circumferentially, which results in 640 triangular elements in the full journal mesh. The initial
temperature of the CB components and the ambient temperature are set at 27 °C.

To investigate the effects of CB design on rotor behavior and thermal growth, the parametric
studies are performed for the major CB design parameters: the friction coefficient of the rotor/
inner race interface (u; ), the axial preload (F,), the oil viscosity in the SFD (y,), and X-axis side
loads from the MBs (Fy;). The last parameter may be useful in the event that MB control is lost
while the MB actuator remains operative. Table 4 shows the simulation cases.

The following performance indices (PIs) are utilized to compare and characterize the simulation
responses: (1) peak normal contact force (IN); (2) peak impulse due to normal contact force (N s);
(3) minimum air gap at MBs (mm); (4) final rotor whirl rate (rev/min); (5) maximum power loss
due to drag torque (W); (6) maximum power loss due to mechanical rub (W); (7) maximum total
power loss (W); (8) maximum heat energy due to drag torque (J); (9) maximum heat energy
due to mechanical rub (J); (10) maximum total heat energy (J); (11) thermal growth AT (refer to
Fig. 6) (°C); (12) thermal growth AT; (°C); (13) thermal growth AT} (°C); (14) thermal growth
ATy, (°C).

The first PI indicates the maximum contact normal force on the CBs, and the second PI, the
time integration of the first PI, refers to the duration of the contact normal force. The minimum
air gap at the MBs means how much radial air gap is available at the MBs (how safe M B stators



348 G. Sun /| Journal of Sound and Vibration 289 (2006) 334-359

Table 4

Simulation cases

Simulation no. U Ha F, (N) SFD viscosity (cP) at 40 °C Fy (N)
Case I fiction coefficient effects

I-1 0.3, 0.1 88.96 30.5 0
I-2 0.35, 0.15 88.96 30.5 0
I-3 04, 0.2 88.96 30.5 0
1-4 0.45, 0.25 88.96 30.5 0
I-5 0.5,0.3 88.96 30.5 0
Case II: axial preload effects

II-1 0.4, 0.2 88.96 95.7 444.82
I1-2 04,02 222.41 95.7 444.82
I1-3 0.4, 0.2 355.86 95.7 444.82
Case III: damper oil viscosity effects

II1-1 04,02 88.96 8.7 0
I11-2 0.4, 0.2 88.96 17.4 0
I11-3 0.4, 0.2 88.96 30.5 0
I11-4 04,02 88.96 60.0 0
IT1-5 0.4, 0.2 88.96 95.7 0
I11-6 0.4, 0.2 88.96 132.2 0
I11-7 04,02 88.96 194.9 0
Case IV: side load effects

Iv-1 0.3, 0.1 88.96 30.5 44482
Iv-2 0.35, 0.15 88.96 30.5 444.82
V-3 0.4, 0.2 88.96 30.5 44482
Iv-4 0.45, 0.25 88.96 30.5 444.82
V-5 0.5,0.3 88.96 30.5 444.82

are), which is equal to 0.508 [mm] minus the maximum radial motion of the rotor at the MBs. The
final rotor whirl rate at the bottom CB is monitored as the fourth PI. The fifth to seventh indices
denote the maximum power loss due to the bearing drag torque and the rotor/CB mechanical rub,
and the eighth to tenth the corresponding maximum heat energy loss. The 11th to 14th indices
show the thermal growths AT of the bottom CB from the initial temperature. The CB design
objectives here are to maximize the minimum air gap at the MBs, to minimize the contact normal
force and impulse, and to minimize the CB thermal growths, while preventing the high-speed
backward whirl.

Fig. 10 shows the orbital motions of rotor at the bottom CB for Case I. As the friction
coefficient increases, the whirl amplitude of rotor and the radial thickness of the orbit band also
increase. Note that the first-bounce direction becomes closer to the tangential direction to the
contact point because the friction force has increased. The two groups of orbit bands are observed
in the last case. Since the SFD is the only damping source in the auxiliary support system, when it
fails, the high-speed backward whirl is fully developed and then the rotor hits the MB stators
under the high dynamic loading as shown in the last case. When the one-axis side loads from the
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Fig. 10. Rotor orbit plots at CBs versus yu, for Case I: (a) p; =0.1; (b) py; = 0.15; (¢) uy; = 0.2; (d) puy = 0.25; (e)
Uy = 0.3; MB clearance 0.508 mm.

MBs are applied, the orbital motions are dramatically stabilized for all the coefficients of friction
as shown in Fig. 11. The dotted circle is the CB clearance 0.254 mm. It is noticed in the orbit plot
that the sliding arc length of rotor increases as the coefficient of friction increases.

Table 5 lists the PI values for Case 1. The results for the Pls 4, 11-14 are for the end of the
simulation time. The peak normal contact force and impulse enormously increase between Case I-
4 and Case I-5 because of the dynamic loading caused by the high-speed backward whirl. The
same trends apply to the power loss due to the rotor/CB mechanical rub. The minimum air gap
significantly decreases between these cases and the minus sign in the last case indicates that the
rotor has contacts with the MB stator. The CB thermal growths also increase as the friction
coefficient increases, and the first case shows the lowest growths. The PI values that fulfill the CB
design objectives are checked. Table 6 shows the PI values for Case IV. The normal contact force,
impulse and minimum air gap do not vary much in accord with the friction coefficient change.
The power loss shows about 5000 W increment between the neighboring cases, while the heat
energy loss about 150-250J increment.

Figs. 12 and 13 compare the PI values for Cases I, IV based on the CB design objectives to
examine the effect of the MB side loads on the rotor drop dynamics and thermal growth. The
results of Case I-3 are used for calculating the non-dimensional PI values in Fig. 12. The peak
normal forces in Case I are about 600 N lower than those in Case IV between the friction
coefficients 0.1 and 0.2, while the minimum air gaps in Case I are about 0.03 mm more than those
in Case IV. However, the normal force and impulse at the coefficient 0.3 in Case I increase by a
factor of more than 20, and the minimum air gap decreases below zero, while those in Case IV



350 G. Sun /| Journal of Sound and Vibration 289 (2006) 334-359

0.2 0.2 0.2
E o 0 0
=
-0.2 -0.2 -0.2
-0.2 0 0.2 -0.2 0 0.2 -0.2 0 0.2
(€Y x(mm) (b) x(mm) (0 x(mm)
0.2 0.2
€
£ 0 0
=
0.2 -0.2
-0.2 0 0.2 -0.2 0 0.2
(d) X(mm) (e x(mm)

Fig. 11. Rotor orbit plots at CBs versus y, for Case IV: (a) u; = 0.1; (b) py = 0.15; (¢) uz; =0.2; (d) py = 0.25; (e)
u; = 0.3; dotted circle is CB clearance 0.254 mm.

Table 5
Performance indices for Case 1
PI # I-1 1-2 1-3 1-4 I-5
1 866.7N 868 997.9 4296.4 19393
2 33.8Ns 90.1 160.8 270.1 4811.3
3 0.1904 mm 0.1904 0.1837 0.1248 —0.1092
4 —1242 rev/min —2524 —1365 —848.6 —8469
5 75.6 W 151.1 346.2 753.9 876
6 5875.4W 8494 11,334 16,494 60,260
7 5875.6 W 8494 11,334 16,677 60,728
8 14.17 26.8 65.8 203.2 254.4
9 862.7] 1357 1964 .4 2163.7 2117.6
10 876.8J 1383.7 2032.2 2366.9 2372
11 38.6°C v 47.8 55.6 69.4 78.4
12 21.0°C v~ 27.5 37.9 49.9 52.8
13 12.3°C v 17.7 29.3 48.8 52.8
14 34°C 5.1 9.3 20.1 24.4

barely change. The thermal growths for the coefficients 0.1, 0.15 in Case I are lower than those in
Case IV, however the thermal growths in Case I become higher than those in Case IV from the
coefficient 0.2 and the difference is greater as the coefficient increases. It is summarized from
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Table 6
Performance indices for Case IV
PI # Iv-1 V-2 V-3 1v-4 V-5
1 1508.7N 1527.8 1546.6 1566.6 1547.8
2 122.2N's 121.4 120.3 118.4 114.3
3 0.1603 mm 0.1607 0.1611 0.1616 0.1625
4 420 rev/min 394 358 1180 0.3
5 125.4W 172.3 224.6 281.3 347.1
6 10051 W 15,219 20,546 25,975 30,574
7 10051 W 15,220 20,546 25,975 30,575
8 26.71 36.9 48.5 61 74.8
9 1276.7] 1518.9 1723.2 1888.7 2022.9
10 1303.47J 1555.8 1771.6 1949.7 2097.8
11 44.3°C 48.2 51.2 53.5 55.5
12 26.6°C 30.0 33.0 35.8 38.6
13 17.2°C 20.4 23.3 26.7 30.2
14 5.2°C 6.4 7.6 8.8 10.2
20 : : :
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dynamic friction coefficient, yu,

Fig. 12. Non-dimensional (a) PI 1, (b) PI 2 and (c) PI 3 versus p,;: O, Case IV; O, Case I; base force = 997.9 N; base
impulse = 160.8 N's; base MB air gap = 0.508 mm.

Cases I, I'V that the MB side loads prevent the high-speed backward whirl and significantly reduce
the thermal growths at the high friction coefficients although they increase the normal force,
impulse and thermal growths at the low friction coefficients.
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Fig. 14. Rotor orbit plots at CBs versus oil viscosity for Case III: (a) u, = 8.7 (cP); (b) p, = 17.4; (¢) u, = 30.5; (d)
U, = 60; (e) pu, =95.7; () n, = 132.2; () u, = 194.9; MB clearance 0.508 mm.

Fig. 14 shows the orbital motions of rotor for Case III. The two groups of orbit bands are also
observed in the first case, and the orbital motion with the 10 K rev/min backward whirl reaches
the MB clearance 0.508 mm because of the insufficient damping. In the second to fifth cases, the
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Table 7
Performance indices for Case 111
PI # 1III-1 I11-2 I11-3 111-4 I11-5 I11-6 I11-7
1 20305 N 1133 997.9 1437.7 1586.6 2489.6 3625.7
2 4007.8 N's 189 160.8 1 237.2 304.3 347.5 387.7
3 —0.1235mm 0.1650 0.1837 0.1905 0.2039 0.1966 0.1860
4 —10054 rev/min ~ —2320 —1365 —1397 —1404 —-2072 —1064
5 837.8 W 416.7 346.2 531.2 613.2 675.4 752.9
6 49773 W 9084 11,334 14,444 17,332 19,693 28,269
7 50158 W 9084 11,334 14,444 17,332 19,799 28,385
8 186.3J 76 65.8 105.8 162.2 204.8 238.8
9 2168.5] 2074.3 1964.4 2170.7 2202.1 2167.2 2128.9
10 2354.87 2150.2 2032.2 2276.5 2364.3 2371.9 2367.7
11 72.6°C 56.2 55.6 v~ 59.7 64.6 68.6 73.0
12 48.3°C 39.7 37.9 v 43.5 48.0 50.3 52.1
13 46.3°C 31.9 29.3 1~ 38.5 45.7 49.3 52.1
14 18.0°C 10.3 9.3 1~ 13.0 17.6 20.7 23.4

whirl amplitude decreases as the oil viscosity increases. However, it increases again from the sixth
case because an excessive damping locks up the support system.

Table 7 lists the PI values for Case III. The normal contact force and impulse in the first case
increase more than 20,000 N and 4000 N s, respectively due to the high-speed backward whirl, and
the minimum air gap decreases below zero. The power loss and the resulting thermal growths
increase considerably compared to the next case. The PI values that fulfill the CB design objectives
are checked. Figs. 15 and 16 show the PI values for Case I1I based on the CB design objectives.
The results of Case I11-3 are used for calculating the non-dimensional PI values in Fig. 15, and the
PIs in the first case are omitted to make visible the difference between the other cases. The contact
force and impulse have the minimum values at Case I1I-3, while the minimum air gap has the
maximum value at Case III-5. The CB thermal growth at Case III-3 has the minimum value at
each node as shown in Fig. 16. It is summarized from Case III that the SFD oil viscosity
u, = 30.5cP (SAE 10) satisfies best the CB design objectives even though the viscosity u, =
95.7¢cP (SAE 30) provides the maximum air gap at the MBs 0.02mm more than viscosity p, =
30.5¢P.

Table 8 lists the PI values for Case II. Since the simulation time is short, the preload effects are
not apparent here except for the increase of the power loss.

4. Conclusions

This paper presents detailed auxiliary bearing and damper models including CB thermal
growths and applies those to a high-speed flywheel rotor drop on CBs to study the effects of CB
design parameters on a rotor drop and the resulting thermal growths. Rotor drop simulations are
conducted with the major CB design parameters, and the simulation results are then compared
using a set of performance indices to identify improved CB design features and to find the
parameters that satisfy the design objectives.
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Fig. 15. Non-dimensional (a) PI 1, (b) PI 2 and (c) PI 3 for Case III, versus oil viscosity: base force = 997.9 N; base
impulse = 160.8 N's; base MB air gap = 0.508 mm.
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Fig. 16. Thermal growths (a) PI 11, (b) PI 12, (c) PI 13 and (d) PI 14 for Case III versus oil viscosity.

Based on the numerical analysis using the detailed bearing and damper models with thermal
growths, CB design guides are suggested as follows:

e As shown in the simulations of Case I, the rotor drop dynamics and thermal growths drastically
change between the friction coefficients u,; = 0.25, 0.3. Hence, it is an important step to find a
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Table 8
Performance indices for Case 11
PI # 11-1 I1-2 I1-3
1 997.9N 990.2 1042.4
2 160.8 N's 159.3 158.9
3 0.1837 mm 0.1859 0.1863
4 —1365 rev/min —2258 -2116
5 346.2'W 349 354.8
6 11334 W 11,495 11,732
7 11334 W 11,495 11,732
8 65.8] 67 68.8
9 1964.4) 1961.3 1966.9
10 2032.27 2028.4 2035.7
11 55.5°C 56.3 56.6
12 37.8°C 38.0 38.3
13 28.8°C 29.1 29.5
14 9.2°C 9.3 9.5

threshold friction coefficient above which a given rotor drop system enters into a high-speed
backward whirl. Since reducing the friction coefficient is so critical to the stability of the rotor
drop dynamics, surface finish and power/solid lubricants can be utilized on the rotor/CBs
contact area.

When the MBs remain operative, applying one-direction side loads help avoid a high-speed
backward whirl. Although the side loads result in more normal contact force, more impulse,
less minimum air gap and more thermal growths under the low friction coefficients, they
prevent the rotor from entering a high-speed whirl under the high friction coefficients satisfying
the CB design objectives.

An optimum damping is found via the simulations of Case III, which satisfies best the CB
design objectives. A lower damping than the optimum amount may induce a high-speed
backward whirl, and a higher damping may increase the contact normal force, impulse and
thermal growths.

Although the simulation model presented here is significantly improved from its counterparts in

previous CB papers, it will be enhanced to include a 3D bearing model with individual ball and
race motions, ball stress calculation and furthermore, CB life prediction in my planned future
work. In addition, the numerical results will be benchmarked against experimental results from a
CB test rig at NASA Glenn.
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Appendix A. Equations of motion for the energy storage flywheel model

The equations of motion (e.0.m.) for the rigid motor with four dof are
My Xm = — Kppex(Xim — X — dIOry) — Cox (X — X — lery)
- Kmtxy(ym —Vr + dlerx) + Mmemwg COS((,{)ZZ),

Mmj}m = - Kmtyy()’m — W + dlerx) - Cmty(j’m - yr + dlérx)
- Kmtyx(xm - Xy — dlgry) + Mmemwg Sin(wzt)>

Imtémx = _Impwzémy - Kmrxx(gmx - er) - Cmrx(émx - érx) - Kmrxy(gmy - er)a

Imtémy = Impa)zgmx - mryy(Gmy - Hry) - Cmry(émy - er) - Kmryx(gmx - er)s

where K, and K,,,, are transverse stiffnesses of the expandable hub, C,,, and C,,, are
transverse dampings, K,,,,, and K,,,,,, are transverse cross-coupled stiffnesses, K., and K, are

rotational cross-coupled stiffnesses, and d; is the distance between the motor and rotor mass
centers with respect to the reference frame.

Similarly, the e.o.m. of the rigid flywheel are described as
Myiy = = Kpux(xy = x; = dalyy) = Cric(y = %7 — )
— Kpy(yp =y, + da0ry) — Mfefco? sin(w;?),

Mfyf == Kftyy(J’f -+ d»0,) — C.'fth()./f -+ dZer)
= Kyyx(Xp — X — d20,y) + Mf’efa)g cos(w;1),

Iﬁéfk = _prwzéfy - Kfrxx(efbc - er) - Cﬁ*x(éfx - Orx) - Kﬁ'xy(efj/ - Ory)a

Iﬁéfy = prwzgfx - Kﬁ‘yy(gfy - er) - Cfry(éfy - Qf‘y) - Kfryx(afx — 0,x),

where d, is the distance between the flywheel and rotor mass centers with respect to the reference
frame.

The e.o.m. of the rigid rotor are
Mrj&r = Kmtxx(xm - Xy — dlery) + Cmtx(xm — X — dléry)
+ Kmtxy(ym -V + dlgrx) + Kftxx(x/" — Xy — d29ry)
+ Cﬂv(xf — X — d29ry) + Kftxy(yf -y + d29rx)
— Fyicos(oy) + Fpsin(o) — Fyp cos(o2) + Fosin(on) + Fy,

Mrj}r = Kmtyy(ym -V + dlgrx) + Cmty()./m - J./r + dlgr\)
+ Kmtyx(xm — Xy — dlgry) + Kftyy(yf e d20rx)
+ Cfty@f - )./r + d2érx) + Kftyx(xf — Xy — d20ry)

— Fyisin(ay) — Fycos(ay) — Fppsinop) — Fpo cos(an),
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L0 = = 1,0.0,, — dy [ Koniyy (Vg — ¥, + d10,)
+ Coityy — §y + d10r) + Ky (im — X, — d10,,))
— do[ Ky (p = ¥, + da0r) + Cpy(p = 3y + )
+ Kjip(xr — xp — d20,,)] + [{[—F 1 sin(o)
— Ficos(o)] — L[—Fipsin(a) — Fp cos(a)]
+ Kprex(Omsx — Orx) + Cors(Onxe — 01
+ Konrxy(Omy — 01y) + K (O — Orx)
+ GOy = 00) + Ky (0 — 01y,

1,0, = 1,0.0, + d1 | K pixs(Xm — X, — d10,)
+ Coux(om — X — d10py) + Kiny0,y — ¥, + d10,)]
+ do[Kfixx(xp — X, — da0,y) + Cpox(p — X — day)
+ Kpy(vy = ¥, + d205x)] = Lh[—F 1 cos(on) + Fp sin(o)]
+ L[—Fp cos(o2) + F o sin(aa)] + Koryy(Omy — 0,)
+ Conry Oy = 013) + Koy — 01)
+ Ky (O = 0) + Cpiy(O = 0ry) + KOs = 02),

Ipér = _(Ftl +Ft2) ‘R, — T,

where F,,; and F,, are the radial normal contact forces between the rotor and CBs, F;; and F,, are
the friction forces, /; and /, are the distances between the rotor mass center and CBs, and I, is the
polar moment of inertia of the total flywheel system.

From Fig. 2, the e.o.m. for the top CB are

MiXiy = Fyicos(on) — Fasin(o) — Cpi(Xin — Xo1) — Kpi(xin — Xo1),
My, = Fnsin(o) + Fncos(ar) — Cor(0y — Yo1) — Knt(viy — Yor)-
M 1% = Cpy (X1 — Xo1) + Kp1(xit — Xo1) +f g1
MYy = Cot Oy — Vo1) + Knn(in — Y1) + S 1

Iy = Fu - Ry — Tar.

The e.o.m. for the bottom CB are described as

MpXp = Fyycos(a) — Fpsin(un) — CpXn — Xp2) — Kpa(xia — Xo2),
Mpnj, = Fipsin(on) + Fpcos(02) — Co(n — Vo) — Kn(n — Ye)s
M paxpn = Cro (X — Xp2) + Kio(X2 — Xp2) +f 425
Mpjn = Ch(Vn —Ye) + KV —Ye) + /g0
Iy = Fio- Ry — Tap + Ta
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where Cp; > and Kj» are the CB dampings and stiffnesses, fy12 and f, > are the SFD forces

including the o-ring stiffness to the X and Y directions, respectively and R, is the CB bore radius.

The bearing stiffness Kj, 5 is calculated according to the axial preload and inner race speed.
The axial model is developed as

MpZm = — Koa(zm — 2r) — CosaGGin — 20) + Mg,
Myzy = — Kpu(zp — 2,) — Cra(Zy — 21) + My,
M,z = Kyi(zm — z¢) + Coa(m — Z¢) + Kpu(zp — 2,)
+ Crulér —2) — Fe: + M, g,
MizZi = — Kpa(zi — 20) — CpalZi — Zo) + Fezy
Moz, = Kpa(zi — 20) + CralZi — 25) — KaZo — CyaZos

where F.. is the axial contact force between the rotor and bottom CB; K, is the axial stiffness of
the bottom CB, which is also calculated according to the axial preload and inner race speed.
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